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INTRODUCTION 

The Hydraulic Automatic Gauge Control (HAGC) is one of the most important systems in a rolling mill to guarantee the gage 

performance.  Since 1960 when the servo systems were introduced for heavy duty control in the metal industry, the HAGC system has 

become an essential part of rolling mill design.  Engineers and scientists with knowledge in mathematical modeling, control theory, 

and programming skill have dedicated their efforts to accomplish a common goal of a better HAGC system. In addition, hydraulic 

manufacturers have improved their products to work with mill designers for better system performance with a lower cost.  The 

intention of this article is to evaluate the system performance by combining recent advances of hardware (hydraulic components) and 

software (control system and mathematical models) in this field. 

  

Although overall gage accuracy relies on mechanical, electrical, hydraulic, control system designs, and even the product mix, the 

hydraulic system response plays a key role on the performance of the entire system.  The earliest studies in the servo system was 

limited on a light duty mechanism with nearly zero spring force in early 60’s
[1,2]

 of last century.  During the next decade, the hydraulic 

system response had been researched
[3~6]

 and innovative control concepts
[7~10]

 had been implemented into production mills.  Better 

understanding of the system response from various rolling parameters led to a better system design.  Although many technical aspects 

were resolved by previous studies in the blooming 80’s
[11~14]

, there are still some unclear issues affecting the system performance, 

such as, the friction force, internal oil leakage, the return line design, the piston to rod area ratio, and the selected servo valve size.  In 

early1990’s, Guo extended Paul’s model
[5]

 to combine servo valve, transmission line, hydraulic cylinder, mill dynamics, returning 

line, and sensor response in a state space matrix which was solved using 4
th

 order Runge Kutta numerical method
[15]

 .  At the turn of 

this century, more research works were developed in the academia.  For instance, Suisse
[16]

 presented an analytic model for dynamic 

seal friction in hydraulic actuators as a function of cylinder pressure, seal material, piston rod dimensions, piston rod seal gland 

dimensions, and other influencing factors.  This study did not show the response of the entire hydraulic AGC system.  Gao
[17]

 et al 

developed a simplified model specifically for a 1100mm cold mill and compared the results with mill data; however, no performance 

comparison was provided.   Rath
[18]

 summarized the control system of cold rolling, but did not have detailed discussion on different 

responses due to various rolling parameters.  Stefan
[19]

’s model focused on the position and force modes of the control system, hence, 

the hydraulic system was simplified and the relations between rolling force and the exit gage were emphasized in his model. 

 

Presented in this article is a continuous development from Guo’s previous work
[15]

 to investigate the hydraulic system response 

considering mill dynamics, servo-valves, hydraulic cylinder, transmission pipe line, returning line, sensors, and other necessary 

components.  All differential equations in Laplace domain are shown in the first section.  After linearizing three nonlinear equations, a 

closed form transfer function of the displacement to the input signal was derived by solving nine equations simultaneously.  However, 

the closed form is too complicated to transform inversely back to the time domain, neither to provide any further information of 

system performance.  The software package MatLab was employed to take advantages of its simulation capability as well as its 

graphic expressions of all related parameters.  An overall block diagram is presented to link with the associate package SimuLink of 

MatLab.  All nonlinear solutions were obtained from SimuLink.  The frequency response of the linear system will be shown in Section 

2, followed by the result comparison of both linear and non-linear models in Section 3.  As expected, the nonlinear terms do not 

impose large response differences to the system from the comparison results.  System performances due to the nonlinear terms, such 

as friction force, returning pipe line length, piston internal leakage, and piping systems are studied and the results are placed in Section 

4.  The study shows that friction force is a damping force to the system.  The larger friction force does not hamper the system 

response, but reduce the ring of the system.  It should be a major component of mill chatter vibration control.  The pipe friction force 

of the returning line generates a back pressure to against the piston movement.  According to the study, although this friction force is 

qualified to be a damping force to the cylinder, it is by no means a damping force to the complete hydraulic system.  The internal 

leakage through the piston drives the system to other convergent position but the target in the step response.  The system remains very 

stable after all even with a very high current gain factor.  The frequency responses using three different piping systems are 

demonstrated using the Bode diagrams.  In general, the system without connecting the rod side to the servo valve provides better 

frequency response in any combinations of rolling parameters.   
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THEORETICAL DERIVATION 

The primary objective of this article is to evaluate the system performance with various frictions, leakages, and pipe lengths.  The 

performance of using three piping circuitries will be evaluated.  The investigation includes different usage of the four ports of the 

servo valve, various pipe line parameters and configurations, and the hydraulic cylinder designs and characteristics.   

 

The hydraulic system is composed of the servo-valve, the transmission line from the servo valve to the cylinder, the cylinder, and the 

return line back to the tank.   For a single acting cylinder, Paul
[4,5]

 developed a mathematical model to examine the performances with 

various transmission line lengths.   The entire hydraulic system is governed by physical different equations based on the system design.  

The following equations were expanded from Paul’s study according to a typical HAGC hydraulic system design with one servo 

valve.  The equation set also assumes that the oil pressure in the piston side increases when charging from the system pressure and the 

pressure decreases when dumping the oil to the tank.  The rod side has no connection with the servo valve.  The characteristic of the 

servo valves can be obtained from Moog
[20]

 technical bulletin.  The mill dynamics equation adopts Guo’s method
[15]

 to apply the mill 

natural frequency
[21,22]

, the damping force
[23]

, and the equivalent mill modulus
 
for the equivalent mass, the damping coefficient, and 

the spring constant of the mill.  In the later section, some equations as shown below were modified, added, or eliminated to fit with the 

specific conditions of the investigation cases.   

 

Basic Equations of Hydraulic System 

The differential equations in Lapace domain can be summarized in the followings: 

 1)  Servo valve spool dynamics  
csss Icsccs 222 2    

 2)  Servo valve input current   
0/)( IuuKI xycc   

 3)  Servo valve flow rate   
00 / PPcqq r   

 4)  Transmission line flow   sPKqq ta   

 5)  Transmission line pressure drop  
apapa qRsqKPP   

 6)  Piston side pressure change    )/()( 0 xAVPPKsxAqsP abalaaea    

 7)  Rod side pressure change   sxRxsKPP rrbb  2

0
 

 8)  Mill Force Equilibrium   
xcmbbaa fxfxkbsxxmsAPAP  )sgn()(2 2   

 9)  Position Sensor    xusu xxx   

 10)  Equivalent Oil Bulk Modulus  
gairppe Etd  /)/()21(/1/1 0   

 11)  Equivalent Mill Modulus   )/(/1/1 0 aeamm ALkk   

where 

 c  servo valve opening    s natural frequency of servo valve 

 Kc servo valve current gain    uy desired position input 

 ux position feedback     Io rated servo valve current 

 qro rated servo valve flow rate    P pressure drop 

 q flow rate through the servo valve port  qa flow rate into cylinder (piston side) 

 Kt =ApLp/e, a transmission line factor   Ap cross section area of transmission pipe 

 Lp length of transmission pipe   e equivalent bulk modulus of oil 

 P pressure at the servo valve port   Pa pressure at the cylinder (piston side) 

 Kp =Lp/Ap, piston side pressure drop coefficient   oil density 

 Rp =8LpAa/Ap
2
, piston side pressure drop coefficient Lrp length of return line  

  oil viscosity     Ab rod side area 

 Ar cross section area of returning pipe   Aa piston side area   

 x piston displacement    Kl oil leakage coefficient 

 Vo initial cylinder volume    Pb pressure at the cylinder (rod side) 

 Pbo pressure at the end of the return line (or tank) Kr =LrAb/Ar, rod side equivalent mass coefficient 

 Rp =8LrpAb/Ar
2
, rod side pressure drop coefficient m equivalent mill mass 

 b equivalent mill damping coefficient   km equivalent mill modulus 

 fx imposed force to the cylinder   x position sensor time constant 

 o oil bulk modulus      pipe material Poisson ratio 

 dp pipe inner diameter    E pipe material Young’s modulus 



 tp pipe wall thickness    air air ratio in the pipe line 

 g air bulk modulus     kmo mill modulus 

 La oil column (piston side)    fc friction force in the cylinder 

 

The dynamic behavior of the hydraulic transmission lines is a distributed system depending on space and time
[5]

.  It can be 

characterized by partial differential equations or by ordinary differential equations. Partial differential equations are better 

approximation but they are not easy to be engaged with the total hydraulic system and therefore ordinary differential equations are 

used on this article.  Equations 4 and 5 are applied to study the transmission line effect.   
 

The initial condition at t=0 is Ic=0, uy0=ux0, c=0, dPa/dt=0, qa0=q0=0, x=x0, dx/dt=0, d
2
x/dt

2
=0, and fx=fx0.   Refining variables x, Pa, 

Pb, P, ux, uy, and fx as x-x0, Pb-Pb0, Pa-Pa0, P-P0, ux-u0, uy-u0, and fx-fx0 respectively, the above equations can be normalized so as to zero 

all initial conditions.  Most equations stay the same except equations (6) ~ (8) have slightly modifications which can be seen from the 

block diagram as shown in Figure 1. 
 

Solution of Linear Equations 

Equation (3) is non-linear and P depends on the sign of c; P=Ps-P for c>0 and P=P-Pt for c<0, where Ps is the system pressure 

(or the accumulator pressure) and Pt is the tank pressure.  As proposed by Paul
[4]

, Equation (3) can be linearized using Taylor’s 

expansion with the average values for the partial differential terms, namely 

(12) 
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Besides of the above linearized equation (12), the following assumptions are required to achieve a linear equation set: 

a) no oil leakage in the cylinder, Kl = 0 

b) the initial cylinder volume Vo is much larger than the volume due to x so that Vo+Aax ≈ Vo 

c) no cylinder friction, fc = 0 

d) the external force fx is a constant, which has no relationship with other parameters 

 

Derivation of Linear Solution 

Equations (6), (7) and (8) can be simplified and combined to solve for x as a function of qa: 

 (13) 
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On the other hand, equations (1) ~ (3), q can be solved as a function of ux and P which can be rewritten as a function of qa and x.  

Combining the rewritten forms of q and P together with equations (4) and (9), one can get the flow rate qa: 

 (14) xzuzq ya 21   
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The other part z2 can be expressed as 
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The coefficients of vi, wi, and mi can be obtained easily and will not be reiterated here.   Inserting (14) into (13), one can solve the 

displacement x explicitly as a function of uy (transfer function): 

 (15) 
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Equation (15) is a closed form of the 

linear hydraulic system although the 

form is too complicated to obtain the 

time domain solution using the inverse 

transform theory.  The denominator of 

Eq. (15) is a 14
th

 order polynomial 

while the numerator is a 6
st
 order 

polynomial.  The spool dynamic 

equation included in both mis
i
 and 

vis
i
 can be eliminated in Eq.(15).  

The mill dynamic equation is merged 

in Eq. (13) with the equilibrium 

equation of the cylinder.  As a result, 

the natural frequencies of the servo 

valve and the mill cannot represent the 

frequencies of the system.  After 

obtaining x, one get solve other mill 

parameters, such as qa, Pa, Pb, and P 

by inserting (15) into corresponding 

equation(s).   

 

Although natural frequencies of the valve and the mill do not appear explicitly as the poles of the transfer function (15), the following 

case studies show that the natural frequencies of the mill and the valve frequency shifted to new locations depending on various 

rolling conditions.    

 

Block Diagram 
Figure 1 shows the block diagram of the normalized equations for the hydraulic system to be discussed in this article.  The number within a circle 

corresponds to the equation number as shown above.  

 

The shaded irregular blocks are the non-linear portions of the system including the flow rate of the servo valve (Eq. 3), the volume compressibility of 

the cylinder (Eq. 6), the piston internal leakage (Eq. 6), and the mill friction force fc (Eq. 8).   

 

This article will show the Bode chart of the linear system first using a particular mill data set.  The non-linear solution will be followed afterward to 

discuss the effect of each nonlinear term.  Solutions from both models will be verified before entering the discussion of some special cases with 

nonlinear effects.  The system performances of three different piping system was also investigated and the results are shown in the next section.  The 

frequency response of a small HAGC system for the cluster mill was studied and the results are shown at the end. 

 

 

NUMERICAL SOLUTIONS 

This article adopts Matlab and its associated package Simulink to obtain all solutions (linear and nonlinear).  Matlab is used for data 

store, system programming, and equation solving while Simulink is used to solve the ordinary differential equations using the block 

diagram.  Numerical results of the exact solution Eq. (15) can be solved directly by Matlab.  The mill parameters used in Matlab 

program to obtain the results for equation (15) are listed in the followings: 

Oil Density (#-s
2
/in

4
)     74.884e-6 Air Trap Ratio    0.001% 

Oil Viscosity (#-s/in
2
)    1.0783e-7 Air Bulk Modulus (psi)   17.4 

Oil Bulk Modulus (ksi)   200  Bore Diameter (in)   23 
Rod Diameter (in)    14.5  Initial Oil Column (in)   0.01, 0.1, 1 
Pipe Young's Modulus (ksi)   30000  Pipe Poisson Ratio   0.3 
Transmission Line Inner Diameter (in)  1.124  Transmission Line Pipe Wall Thickness (in) 0.188 
Transmission Line Length (in)   1, 120  Return Line Pipe Thickness (in)  0.154 
Return Line Length (ft)   10  Mill Natural Frequency (Hz)  64 
Mill Damping Coefficient (#-s/in)  0.1  Mill Spring Constant (k#/in)  30000 
Servo Valve Natural Frequency (Hz)  160  Servo Valve Damping Coefficient (#-s/in) 0.55 
Servo Valve Rated Current (mA)  40  Servo Valve Signal Gain (mA/in)  4000 
Servo Valve Rated Flow Rate (in

3
/s)  138.71  Sensor time constant (s)   0.01 

 

 

Figure 1: Block Diagram for Hydraulic System 

 



The length of the transmission line is one of the most 

important factors affecting the hydraulic response.  

When the servo valve is mounted directly on the 

cylinder, the length of the transmission line is almost 

zero and therefore the hydraulic system response is 

improved.  Nowadays most of the applications are 

designed based on the assumption that the transmission 

line is so short that it can be eliminated from the 

hydraulic system equations. However in some 

revamping applications, the roll force cylinders are built 

to fit into the mill housing screw cavity and the servo 

valve cannot be mounted directly to the cylinder.  A 

transmission line is required for this special condition.  

Figure 2 shows the cylinder frequency response with two 

different transmission line lengths.  Friction force and 

internal leakage are not considered in this case.    

 

There are six studies for various transmission pipe line 

lengths and the initial oil columns.  Figure 2 shows the Bode diagrams of all six cases.  Two groups for the transmission line lengths – 

the solid lines are for the long length (10’) while the dotted lines are for the short length (1”).   It takes a longer time for the pressure 

wave to travel from the servo valve to the hydraulic cylinder for a longer transmission line
[15]

.  Hence, the better system performance 

is expected for shorter transmission line cases.  

 

Within each transmission line length group, there are three cases for various initial oil columns – the blue one is for a small column 

(0.01”), the red one is for the medium column (0.1”), and the green one is for the large column (1”).   The larger oil column results in 

the smaller oil spring constant due to greater oil compressibility.  Hence, the system should have a slower response for the larger 

initial oil column since more oil is needed to boot up the cylinder pressure during the charging cycle and to pump out more oil during 

the dumping cycle. 

 

For the cases of 10’ transmission line, Figure 2 shows two natural frequency groups.  The frequencies of the first group are very close 

to the mill natural frequency of 64 Hz although Eq. (15) does not show the mill natural frequency as a pole of the system explicitly.  

The second group has the frequencies from 100 Hz to 200 Hz, which are close to the valve natural frequency of 160 Hz.  Again, this 

natural frequency cannot be observed from Eq. (15).  It asserts that the larger oil column causes the lower natural frequency, which 

may affect the desired mill speed, but no trivial effects on the system response.   The performances for the operation frequency of 20 

Hz have shown nearly no difference.  The magnitude is about -3 db and the phase angle is about 80
o
 for all cases, which matches with 

Stone’s suggestion
[6]

.  The chart also shows an overshoot slightly at the lower frequency zone, which can be eliminated by lowering 

down the current gain of the servo-valve. 

 

As to the 5
th

 and 6
th

 cases with a short transmission line only 1” (such 

as direct mounted to the cylinder), the first natural frequencies are 

delayed to be higher and the second natural frequencies are greater than 

300 Hz (not shown in Figure 2).  There are no natural frequencies 

found within 300 Hz for the small oil column case (case 4).   Hence, 

Figure 2 concludes that both transmission line length and the initial oil 

column have no trivial effects on low frequency operation (20 Hz), but 

have observable effects on the natural frequencies of the system.  The 

initial oil column has larger effect than the transmission line length. 

 

 

NON-LINEAR SYSTEM AND NUMERICAL SOLUTIONS 

The previous linear study demonstrates the hydraulic system can 

perform a satisfactory response without considering many non-linear 

effects.  The following sections will investigate the non-linear system 

with various conditions, such as the cylinder friction force, the cylinder 

internal leakage, the area ratio of two sides of the cylinder, and various 

piping arrangements, which cannot be simulated using the linear 

 
 

Figure 3: Frequency Response Comparison 
for Linear and Non-Linear Systems 

 
 

Figure 2: Bode Chart for Hydraulic System Response 



approach.   

 

The Servo valve flow rate (Eq. 3) is a non-linear 

equation and it deserves more attention in order to 

get more accurate results. The flow rate q is 

proportional to the valve opening c and it is also 

determined by the pressure drop between two ports 

of the servo valve. Using Taylor’s expansion and 

neglecting the high order terms, the square root 

portion can be linearized (see Eq 12).  However, 

since the pressure drop changes every time the 

spool alternates its position, the system remains 

non-linear.   According to the spool position, 

Equation (3) will be rewritten as  

(16) 
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where Po is a reference pressure drop depending 

on the piping arrangement.  It equals to 1000 psi if 

two ports A and B are applied; and 500 psi if only 

one port is used.  The piston side pressure change 

(Eq. 6) is another non-linear equation because the 

displacement x is included in the denominator.  In 

order to have a rational comparison between linear 

and nonlinear solutions, the initial pressures of Ps, P, and Pt are set at 5000 psi, 2600 psi, and 200psi respectively so that the pressure 

drops of both charging and dumping conditions become the same.  This setting will reduce the tendency of uneven response from the 

system due to difference flow rate from the servo valve.  Except this small data modification, other data are identical to the data 

applied in the linear study.  Figure 3 shows the magnitude curves (in db) of the Bode charts from the linear and non-linear systems for 

comparison.  For convenience, the study will focus on the mill operating frequency range of less than 100 Hz henceforward.  The 

linear cases are shown in curves  and  while the nonlinear cases are shown in  and .  All four cases have the same initial oil 

column of 1”, which is for a long stroke cylinder.  The cases  and  have a longer transmission line (10’) than other two cases (only 

1’).  Other parameters are the same for all cases. 

 

Obviously, the nonlinear terms do not impose a large effect on the magnitude for the frequency less than 20 Hz.  Some differences are 

shown in the overshoot.  Once the current gains are adjusted individually, the response is expected to be very close at the low 

frequency (<=20 Hz) range.   The nonlinear terms do cause the natural frequencies occurred earlier and generate less positive 

amplitude response, which is not significant in the mill operating range however.   

 

 

CASE STUDIES WITH NONLINEAR EFFECTS 

Previous two sections focus on the system response of the linear system as well as the performance comparison of linear and nonlinear 

systems.  The non-linear term of the servo valve flow rate was used to make comparison of the system response.  The piston and rod 

side pressures were so designed specially that the charging (c>0) and dumping (c<0) responses were nearly the same.  This section 

will discuss about other nonlinear effects – friction force, returning line, and internal leakage.  It is important to note that the linear 

system can be used to design the controller for better system performance in the future study.  Understanding of nonlinear effects 

facilitates the design of the controller of the linear system. 

 

Friction Force Effect 

It is well known that friction force is a resistance force opposite to the movement of one object against another.  It is always in a 

direction against actuator motion; and therefore it switches direction with the velocity of the piston x  as shown in Eq. (8).   This 

section investigates the system response to the step signal for various initial oil columns and the transmission line lengths.  The static 

friction force is considered here for the step response.  Although the dynamic friction force should be considered after the piston starts 

to gain the velocity, this study assumes the static friction force be the same during the step response test. 

 

 
 

Figure 4: Friction Force Effects 



As shown in Figure 4a, for a small oil column, such as the so-called 

pancake cylinder with a very small stroke or a long stroke cylinder 

with the maximum roll configuration, the friction forces have 

nearly no effects for all cases.  Figure 4a also shows a small delay 

at the beginning to conquer the system inertia and the static friction 

force.  After this delay, the system has 20% overshoot and 

stabilizes after about 0.1 second.  The overshoot can be modified 

by lowering the servo valve gain factor.  The response curves for 

larger friction forces show a very small fluctuation.   

 

For the cases with 1" initial oil columns, Figure 4b shows that the 

response curves follow the curve with 0.1” oil column very well.  

However, the fluctuation becomes larger and takes about 0.18 sec 

to eliminate the ripples.  The friction force serves as a damping 

force to reduce the fluctuation.  The larger the friction force is, the 

smaller the amplitude and the less ring time becomes.   Nearly no 

wave forms are found for the cases with friction forces ≥ 1000 

pounds.  Figure 4c shows that the system rings after 0.2 second for 

the cases with large initial oil columns and insufficient friction 

forces.  The response curves have no apparent ripples if the friction 

force reaches 1,000 pounds and beyond.  The amplitude of the 

ripple is inversely proportional to the friction force.  Figure 4d and 

4b can be used to examine the effect due to the transmission line length.  The larger transmission line length enlarges the amplitude of 

the response curves although the systems are still stable.  The case with the highest friction force still has a very smooth response 

curve and converges after 0.2 second thanks to the large damping force. 

 

Consequently, Figure 4 concludes that a proper system friction force facilitates the stability with slightly sacrifice of the response 

time.  The friction force fc as shown in Eq (8) is in fact a damping force to the rolling mill equilibrium condition and it is also a 

qualified damping force for the entire hydraulic system.    

 

Returning Line Effect 

On the other hand, the back pressure on the rod side could be a kind of damping force as well.   With the commercial hydraulic system 

design, the oil in the returning line is of a laminar flow with a cylinder speed in the mill operating range.  Hence, the friction force in 

the return line is a linear function of the oil speed in the pipe line, which is proportional to the piston speed according to the mass 

conservation law.  The downward movement of the piston will impel the oil out of the rod side to the returning line, which tends to 

increase the back pressure (due to the pipe friction force) to against the piston movement.  The higher speed causes the larger friction 

force proportionally.  The upward movement of the piston will suck the oil back to the rod side, which generates a friction force to 

drag the piston movement.  Accordingly, the friction force in the returning line is proportional to the piston speed and also against the 

piston movement, which is a sufficient condition of a damping force.  

 

As shown in Eq. 7, the friction force in the returning line is a function of Kr which is proportional to the line length and the ratio of the 

rod side area to the pipe inner area.  Figure 5 shows step and frequency responses for various return line lengths.  Here the pipe length 

is applied so as to keep the oil speed in the pipe line the same for all cases and the oil in the returning line will maintain the same state 

of the laminar flow.   The pipe line diameter is not changed since the smaller pipe inner diameter increases the oil speed in the pipe 

line, which may change from laminar to turbulent flow and alter the friction coefficient in the returning line.  Besides of varying the 

length of the return line, some parameters used in this investigation are Ps=5000 psi, Pt=15 psi, Pa0=3600 psi, and Pb0=200 psi while 

other parameters remain the same.   

 

Figure 5 shows the step and frequency responses for the returning line lengths of 10’, 15’ and 50’.  The friction force is greater for the 

longer returning line according to Eq. 7.  However, Figure 5a shows that the system rings more for the longer returning line, which 

implies that the friction force in the returning line cannot be a damping force although its behavior to the piston is qualified to be a 

damping force.  Figure 5b shows the frequency response curves of various returning lines with input frequency of 20 Hz.   The 

interesting viewpoint is that the longer return line with higher back pressure (friction force) provides a better frequency response.  The 

phase angles for all three cases are about the same except that the 50’ case has a slightly smaller phase angle (not shown in Figure 5).  

Figure 5 confirms that the returning line cannot serve as a damping force, but it can improve the frequency response.  The linear 

solution also shows similar results on the friction force in the returning line. 

 
 

Figure 5: Step Response due to Various Return Line Lengths 



Leakage Effect 
The cylinder leakage is another constitutive parameter of the 

non-linear hydraulic system.  There are two types of leakages 

in a hydraulic system - the internal and the external leakages.  

The external leakage can be easily determined with a quick 

visual inspection of the hydraulic cylinder rod.  The internal 

leakage test cannot be done that easy and the use of a hand 

held ultrasonic tester is needed
[24]

.   This sub-section is used to 

examine the step response of various internal leakages through 

the piston.  The system response can be used as an indicator of 

internal leakage. 

 

The leakage coefficient Kl is assumed here ranging from 0.001 

to 0.005 so as to observe response differences.  In addition to 

varying leakage coefficients, other parameters used in this 

investigation are the same as the previous case.  Leakage from 

the piston side to the rod side due to the pressure difference 

will cause the pressure drop in the piston side due to oil 

leakage.  Hence, the servo valve needs pump in more oil to 

compensate for oil leakage and to increase the pressure at the 

piston side.  At the same time, if the rod side is connected to 

the tank (see Figure 7b), the excessive oil from the piston side 

will dump back to the tank, which will not increase the rod 

side pressure.   

 

Figure 6a shows the step response curves for various leakage 

coefficients.  The input signals for all cases are the same 1 

mil.  The system will reach the target position of 1 mil after 70 

ms if the system has no leakage.  However, as the leakage coefficient increases, the system converges to other positions depending on 

the leakage coefficient.  The higher leakage coefficient causes the larger pressure drop in the piston side regardless of the larger 

position error to the servo valve.  The resultant pressure at the piston side cannot overcome the imposed rolling force due to 

continuous leakage through the piston.  Eventually, the system converges to a lower position than the desired position: 

 Kl  Final Position (mil) 

0.001   0.85 

0.002   0.70 

0.003   0.55 

0.005                    0.26 

The above table shows that the final convergent position is very close to a linear function of the leakage coefficient.  It is about 0.15 

mil position drops per 0.001 leakage coefficient increments. 

 

The current gain of the previous case was set at 4000.  Is there a possibility to increase the current gain so as to push the response 

curve back to the target of 1 mil?  Figure 6b shows the response curves for various current gains acting on the case of leakage 

coefficient of 0.001.  The results can be summarized as 70% response for the gain of 2000; 80% for 3000, 90% for 5000, and 92% for 

8000.  The higher gain factor generates larger ripples, but the system converges stably.  However, the system cannot reach the target 

even with a larger current gain. 

 

Figure 6c shows a step response curve with an extremely high current gain of 30,000.  The purpose is to test the current gain limit to 

see if the system will become unstable.  The curve shows that the system can be stable after about 200 ms and it does converge to the 

target.  Note that the servo valve could be saturated for such a large displacement, which is not considered in the model.  Figure 6 does 

not show the saturation condition of the servo valve.  The huge amplitude fluctuation between -1.5 and 3.5 is too large to be 

acceptable for the system design.  The conclusion is that the internal leakage hampers the system response regardless of the current 

gain of the servo valve. 

 

System Responses for Three Different Hydraulic Piping Designs 

So far, all studies consider only one port (A) of the servo valve is used and the other port (B) is plugged.  The servo valve is connected 

only with the pressure side of the cylinder and the rod side of the cylinder is piped directly to the tank.  In this case a low pressure 

 
 

Figure 6: Internal Leakage Effects 



pump is also connected with the rod 

side of the cylinder to prevent possible 

cavitations.   Since only one port of the 

servo valve is used, the square root of 

the valve pressure differential is 

divided by 500 psi, namely Po = 500 

psi.  In addition, if both of the 

servovalve ports are used, then Po 

becomes 1000 psi, which reduces the 

flow rate about 40%.   

 

This section is dedicated to study on the 

responses of three different piping systems as shown in Figure 7.   Figure 7c shows the simplest design, which does not contain any oil 

on the rod side.  The oil in the piston side is charged and discharged through the servo valve.  No return line is required.  Figure 7b has 

the oil on the rod side, but it has no interaction with the piston side oil.  The oil is pushed back to the tank when the piston moves 

downward and sucked back to the rod side when the piston moves upward.  There is an auxiliary pump or a pressure regulating valve 

to maintain a positive gage pressure at the tank side to prevent from pipe line vacuum due to the piston suction.  Previous results were 

obtained based on this piping system.  Figure 7a is designed to connect the returning line back to the same servo valve so that the 

cylinder will have one side charging and the other side dumping.  At a first thought, this system will accelerate the system response 

due to the double action within a certain application.  For the first system, there is a transmission line from the rod end to the B port of 

the servo valve.  For convenience, this section will not consider transmission lines, namely, equations (4) and (5) will not be applied 

and Pa=P1.  Equation (7) is also not applicable for the first piping system (a).  All equations are applicable for the second piping 

system.  As to the last system, equation (7) is eliminated and other equations except (4) and (5) remain the same. 

 

Furthermore, this section will investigate the effects from various area ratios.  The area ratio is defined as the area ratio of the piston 

side to the rod side.  For the mill application, the area ratio ranges from 1.15 to 7.5 depending on the cylinder design.   The cluster mill 

provides a large mechanical advantage of about 1:25.  Namely, the AGC cylinder takes only about 4% of the separation force.  Hence, 

the cylinder is small and the ratio is around 1.15 for the cluster mill.  For the pancake or tandem cylinders, the cylinder is larger and 

the area ratio can be as large as 7.5.  The area ratio and the piping system affect the selection of the servo valve size and the current 

gain factor. 

 
Three area ratios – 1:1, 2:1, and 6:1 – are used here for comparison.  The current gains are 4000 for cases (a) ~ (c) and 1000 for case 

(d).  Besides of varying above parameters and designs, some parameters used in this investigation are Ps=5000 psi, Pt=200 psi (if 

applied), Pa0=2600 psi, Pb0=200 psi (if 

applied), Aa= 415 in
2
, x0=1”, and Lp=0 

while other parameters remain the same.   

 

Figure 8 shows the frequency response 

curves for three piping systems and three 

area ratios with a fixed frequency of 5 Hz 

and 1-mil amplitude.  All four charts have 

the same x and y scales.  The blue curve 

represents the case of the first piping 

system, the green curve is for the second, 

and the grey curve (cannot be seen since it 

is hidden behind the green curve) is for the 

third piping system.  Figures 8a~8c show 

the results of using a current gain of 4000.  

As seen in Figure 8a, for area ratio=1, all 

three piping systems have very stable 

responses.  The second and third piping 

system has better response than the first 

one.  Figure 8b shows similar results even 

with a larger area ratio of 2:1.    For a large 

area ratio of 6:1, Figure 8c shows the 

second and third systems have nearly the 

 
 

Figure 8: 5 Hz Frequency Responses of Three Piping Systems 

 

 
Figure 7: Three Typical HAGC Piping Systems 



same performance and are very stable.  However, for the first 

system, the response curve moves downward after five cycles 

and becomes unstable (not shown in Figure 8).  The simplest 

way to coup with this situation is to detune the servo vale to 

have a much smaller current gain factor.  Figure 8d shows that 

a smaller current gain of 1000 brings the first system back to a 

stable condition although the responded amplitude is reduced 

as well.  The second and third systems also show less 

performance with the smaller current gain. 

 

Figure 9 displays the Bode charts for three piping systems and 

three area ratios.   For a small area ratio, all systems are very 

stable.  The responses of the second (curves  and ) and 

third (curves  and  ) systems have different curves even 

their curves are nearly the same in Figure 9.  As shown 

before, the curve  has a natural frequency about the mill 

frequency of 64 Hz.   Curve  has nearly the same trend as 

curve  before the cross over point of 15 Hz, then its 

amplitude decays faster than curve.  Curve  actually 

pushes back the natural frequency to be higher than 100 Hz.  

Curve  has the slowest response at the low frequency 

although it can be compensated by increasing the current gain as long as the system remains stable.  Observing the trend of curve, 

one can expect that curve  pushes the natural frequency to be even larger than curve.  Namely, the curve  of the first piping 

system has the highest first natural frequency.  This could be a benefit of using the first system. 

 

Since the first system cannot be stable with a larger area ratio of 6, Figure 9b shows two curves  and  with a current gain of 4000 

and curve  with a current gain of 1000 so that all three cases are stable.  Again both and  are identical at the low frequency range 

and have a very small difference when the frequency reaches 100 Hz.  Comparing Figure 9a and 9b, the response curves for the third 

piping system are identical because the rod side has no oil and no back pressure to provide any counter force to the system.  As to the 

curves  and  for the second system, the natural frequency of the higher area ratio becomes higher than 100 Hz with about the same 

frequency response.  Hence, the area ratio does not have any significant effect on the second and third piping systems.  As shown in 

curve  of Figure 9b, the smaller gain in the first piping system stabilizes the system response, but attenuates the response magnitude.  

Consequently, the first piping system is not recommended for the system with a large area ratio. 

 
As mentioned before, the cluster mill needs small cylinders with small servo valves thanks to its large mechanical advantage.  The 

natural frequency of the mill is higher than the vertical stack mill thanks to its very rigid mill modulus and extremely compact design.  

The AGC control of the cluster mill can be referred to the prior art without further discussion here
[25]

.  Figure 10 shows the frequency 

response for a typical cluster mill with the mill information; Ps=4000 psi, Pa=2000 psi, Pt=15 psi, Aa=38.5 in
2
, Ab=31.4 in

2
, xo=0.01”, 

s=85 Hz, Io=40mA, Kc=1200 mA/in, qro=15 gpm, m=128 Hz, and km=120,000 k#/in.  The blue curve is the result of the second and 

third piping systems (two curves are nearly identical) while the red curve is for the first one.  From the frequency performance 

viewpoint, the third one is still better than the first one.  However, 

the cluster mill does not have the overbalance system like the 

vertical stack mill does to empty the oil of the AGC cylinder.  The 

piston retreat relies on the servo valve as well.  The first system is 

considered as the best system for the cluster mill to provide a two-

way movement of the AGC cylinder with an acceptable system 

response thanks to its smallest area ratio. 

 

The pre-stress split housing mill
[26]

 has top and bottom housing 

connected with tie rods and pre-stress cylinders at four corners of 

the mill.  Four spacer cylinders are designed to provide a fixed 

space between two housings.  These cylinders can be used as over 

balance cylinders if necessary.  Therefore, the third (or second) 

piping system can be applied for better frequency response.  Further 

study may be required to have a deeper consideration. 

 

 
 

Figure 10: Bode Charts of Different Piping Systems  
for a Typical Cluster Mill 

 
 

Figure 9: Bode Charts for Three Piping Systems 



CONCLUSION AND OUTLOOK 
This article has shown the step and frequency responses of the HAGC hydraulic system.  There are nine governing equations for the 

HAGC system.   All equations can be arranged into a block diagram with four shaded non-linear blocks.  The software package 

MetLab was adopted to perform the linear and nonlinear solutions using the block diagram.  A closed form transfer function can be 

derived after three nonlinear equations are linearized and all equations are solved simultaneously.  The closed form transfer function 

can be used as the plant of the linear system to further design the controller in the future.  The frequency response of the linear system 

was shown for various transmission line lengths and initial oil columns.  A smaller initial oil column has better response with a larger 

first natural frequency.  The system with larger initial oil column is also stable in the low frequency range.  The nonlinear terms make 

small differences on the system response.   

 

Furthermore, investigation of the system response due to various friction forces, return line lengths, and cylinder internal leakages was 

performed.  The friction force being a damping force can attenuate the responded fluctuation in the step response.  The larger the 

friction force is the smaller the amplitude becomes.  On the other hand, the return line should provide back pressure to resist the piston 

force as a damping force.  The study shows that the longer the return line length is the larger the amplitude becomes.  However, the 

longer return line can have a better frequency response although the back pressure cannot be considered as a kind of damping force.  

The internal leakage through the orifice or the seal of the piston does not help the system response; instead, it leads to a different 

convergent position.  The greater leakage drives the system further away from the target position in the step response test.  Even with 

a larger current gain, the system can approach to the target, but cannot reach the target if the system has any small leakage.  The 

system can nearly arrive at the target with an extremely large gain but the large amplitude fluctuation cannot be acceptable in the 

system design.  As a result, the leakage should be prevented as much as possible.  The system performance for three typical hydraulic 

piping systems and three area ratios were investigated as well.  The area ratio plays a very important role in the system response.  For 

small area ratios, the system response is about the same for all three different piping systems.  The larger area ratio can push the 

system toward unstable territory.  Detuning the servo valve or replacing with a smaller valve is a solution to bring the system back to 

stable condition with a certain system performance reduction.  The system without oil in the rod side is a simpler design, but this 

design calls for a higher overbalance force to separate the roll gap since there is no active force in the rod side.  The system connecting 

both sides to the same valve can be applied in the cases of small area ratios only for system stability consideration.  The system with a 

pressurized return line seems to have no particular advantages over the system without oil in the rod side since the return line was 

found to provide no damping effect in this study.   

 

The continuation of this study will focus more on the linear system from which the controller can be designed to improve the system 

performance.  The rolling mill application prefers the robust control to have a uniform performance for the entire product mix.  The 

optimal control is still possible to have better command follow in the low frequency range and stronger noise rejection in the high 

frequency range.  The qualitative feedback control is another possibility for future investigation.  Yet the gain scheduling method is 

simple, straight forward, easy, and acceptable for most engineers and operators.  Hence, the further study on the hydraulic system 

response should investigate control methods and propose a general method which can be applicable for rolling mill application.   
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